The rising of the global energy demand requires the use of alternative energy conversion systems employing renewable sources. In the refrigeration and air conditioning fields, heat driven ejector systems represent a promising way to produce the cooling effect by using available low-grade temperature sources. In this paper, a thermo-economic analysis of a waste heat recovery hybrid ejector cycle (WHRHEC) was carried out. A thermodynamic model was firstly developed to simulate a WHRHEC able to obtain chilled water with a cooling load of 20 kW, by varying the working fluids and the pinch point values in the heat exchangers. Specific single-and two-phase heat transfer correlations were used to estimate the heat transfer surface and therefore the investment costs. The operative ranges that provide a reasonable compromise between the set-up costs and the cycle performances were then defined and compared to the current waste heat-driven technologies, such as absorption chillers and organic Rankine cycles (ORCs) coupled with vapor compression cycles (VCCs). The last part of the paper presents an economic analysis providing the map of the design (plant size) and contingent (specific cost of energy, waste heat availability) variables that lead to the economic convenience of a WHRHEC system when integrated to a conventional VCC plant.
Introduction
In recent decades, there has been a growing interest by the international community for the reduction of the energy consumption and the environmental impact using renewable sources. In this regard, the increase of the global energy consumption in 2018 is nearly twice the average rate of growth since 2010, due to the development of the global economy and also higher heating and cooling demands in some parts of the world. Worldwide, the air-cooling in building applications showed a steep increase: in 2018 its energy demand tripled with respect to the 1990 values [1] . In the European Union (UE)zone, heating and cooling in buildings and industry accounts for half of the energy consumption [2] . For household applications, heating and hot water alone account for 79% of total final energy use (192.5 Mtoe) . Although the air-cooling is a fairly small share of total final energy use, the demand from households and businesses such as the food industry continuously rises during the summer months, by showing a similar trend with time to air pollution and global warming. In the industry field, 70.6% of energy consumption (193.6 Mtoe) is currently used [2] for space and industrial process heating, 26 .7% (73.3 Mtoe) for lighting and electrical processes such as machine
Aim of the Paper
The aim of the paper is two-fold:
1.
To estimate performances and costs for the typical operating conditions of a waste heat recovery hybrid ejector cycle (WHRHEC). The results of the proposed thermo-economic analysis should be useful to place the WHRHEC systems among the actual heat driven cooling technologies available on the market, in terms of two conflicting goals (performance/investment costs).
2.
To use the estimation of the performances and costs to evaluate the economical convenience of a waste heat recovery hybrid ejector cycle (WHRHEC) integrated to a conventional vapor compression cycle (VCC). The following economic analysis will give to the reader realistic information about the economic convenience in the use of the WHRHEC systems instead of traditional vapor compression cycles, when a certain amount of waste heat is available.
Hybrid Ejector Cycle: Modeling and Thermodynamic Analysis
In this paper, hot water from a renewable source (solar heating system) was used as the low-grade waste heat source to simulate the ejector cooling system. A schematic representation of the layout is shown in Figure 1a . The working fluid in saturated liquid condition is driven by an electric pump that pushes the refrigerant (point 1) in a counterflow internal heat exchanger, that uses the outlet ejector flow (point 5) to preheat the subcooled liquid before entering the vapor generator (point 1R), in which a temperature of 110 • C is reached (point 2). The high-pressure vapor from the generator, called primary flow, expands into the motive nozzle. The pressure at the motive nozzle outlet, being lower than the evaporator pressure, allows the entrainment of the low-pressure vapor from the evaporator, called secondary flow. The mixed flow at the outlet of the ejector is firstly cooled into the internal heat exchanger and then flows into the condenser. The saturated liquid at the outlet of the condenser is divided into two parts. The first part goes through the expansion device (reaching point 3) and then it evaporates (point 4) producing the cooling effect. The remaining part is pumped to the generator pressure. All the transformations occurring inside the ejector are described in detail in the following section. An example of the corresponding thermodynamic cycle on the T-s diagram is reported in Figure 1b The enthalpy of the mixed flow at the ejector outlet (point 5 in Figure 1b ) is calculated by an energy balance on the ejector, once the ejector entrainment ratio is known by solving the ejector model, which is described in detail in the following paragraph.
The system performance is evaluated with the coefficient of performance (COP) expressed as follows with referring to the numeration in Figure 1 . The electrical power required by the pump was neglected for the thermodynamic analysis.
where and are the heat power (kW) at the evaporator and at the generator, respectively, μ is the entrainment ratio (defined in the following section), and h is the refrigerant specific enthalpy (kJ kg −1 ).
Ejector Model
To simulate the ejector performance, a one-dimensional method presented in the theoretical work of Chen et al. [31] is employed in the current optimization process. In this model, the mixing process of the flows occurs at constant pressure, lower than the evaporation level, by taking into account shock process inside the ejector. Ideal gas behavior is assumed to simplify the analytical description. The velocities of the primary and secondary flows are negligible before entering the ejector; also, the velocity of the mixed flow leaving the ejector is also neglected. Considering the numbering of Figure 2a , once the conditions at the intel of the primary (point 2) and secondary (point 4) flows and the ejector outlet pressure (point 5) are given, the model calculates the optimum entrainment ratio μ and the corresponding area ratio Ar.
The entrainment ratio is an ejector performance indicator, which is defined in Equation (3) as the ratio of the secondary mass flow rate (kg s −1 ) to the primary mass flow rate (kg s −1 ). The expression of the entrainment ratio can be obtained from the conservation of the momentum [31] , shown in Equation (3), once the losses inside the ejector in terms of isentropic efficiencies in the nozzle (ηN), in the mixing chamber (ηM), and in the diffuser (ηD) are defined.
The enthalpy of the point 7 h7 represents the thermodynamic condition of the flow at the exit of the nozzle. It is evaluated by using the definition of the nozzle efficiency and the energy conservation between inlet and outlet of the nozzle [31] . The enthalpy of the point 8 h8 (expansion of the secondary flow) is evaluated by applying the energy balance between the point 4 and 8 and considering an ideal process [31] . The velocity and the enthalpy of the mixed flow u9 and h9 are evaluated by combining The enthalpy of the mixed flow at the ejector outlet (point 5 in Figure 1b ) is calculated by an energy balance on the ejector, once the ejector entrainment ratio is known by solving the ejector model, which is described in detail in the following paragraph.
where . Q ev and . Q g are the heat power (kW) at the evaporator and at the generator, respectively, µ is the entrainment ratio (defined in the following section), and h is the refrigerant specific enthalpy (kJ kg −1 ).
To simulate the ejector performance, a one-dimensional method presented in the theoretical work of Chen et al. [31] is employed in the current optimization process. In this model, the mixing process of the flows occurs at constant pressure, lower than the evaporation level, by taking into account shock process inside the ejector. Ideal gas behavior is assumed to simplify the analytical description. The velocities of the primary and secondary flows are negligible before entering the ejector; also, the velocity of the mixed flow leaving the ejector is also neglected. Considering the numbering of Figure 2a , once the conditions at the intel of the primary (point 2) and secondary (point 4) flows and the ejector outlet pressure (point 5) are given, the model calculates the optimum entrainment ratio µ and the corresponding area ratio A r .
According to the chosen method, constant values for ejector efficiencies are considered (ηN = 0.9, ηM = 0.8, ηD = 0.9) and defined in the following equations. The transformation occurring inside the ejector are shown on the T-s diagram in Figure 2b . The line 2-7 represents the expansion of the flow inside the motive nozzle taking into account the nozzle efficiency. Similarly, points 8 and 9 represent the end point of the real process inside the mixing chamber and the diffuser, respectively. The pressure in 7, 8, and 9 is the mixing pressure, which is lower than the secondary flow pressure. 
The area ratio Ar is defined as the ratio of the constant area section of the mixing chamber (Am) to the nozzle throat area (At), and it is expressed by the following equation [31] .
The mass flow rate of the primary flow through the nozzle is determined by Equation (5) [32] considering chocked conditions at the nozzle throat, where R represents the specific gas constant, At is the nozzle throat cross section, k is the heat capacity ratio, and ηN is the nozzle efficiency defined previously. Once the primary flow rate is known, the nozzle throat section can be evaluated by using Equation (5) .
The pressure lift Π is defined as the ratio between the pressure at the outlet of the ejector and the pressure of the secondary flow rate, whereas β is the ratio between the pressure of the primary flow and the pressure at the ejector outlet. The entrainment ratio is an ejector performance indicator, which is defined in Equation (3) as the ratio of the secondary mass flow rate . m s f (kg s −1 ) to the primary mass flow rate . m p f (kg s −1 ). The expression of the entrainment ratio can be obtained from the conservation of the momentum [31] , shown in Equation (3), once the losses inside the ejector in terms of isentropic efficiencies in the nozzle (η N ), in the mixing chamber (η M ), and in the diffuser (η D ) are defined.
The enthalpy of the point 7 h 7 represents the thermodynamic condition of the flow at the exit of the nozzle. It is evaluated by using the definition of the nozzle efficiency and the energy conservation between inlet and outlet of the nozzle [31] . The enthalpy of the point 8 h 8 (expansion of the secondary flow) is evaluated by applying the energy balance between the point 4 and 8 and considering an ideal process [31] . The velocity and the enthalpy of the mixed flow u 9 and h 9 are evaluated by combining energy and momentum balance between points 7, 8, and 9 [31] . The complete set of equations is available in the original reference [31] .
According to the chosen method, constant values for ejector efficiencies are considered (η N = 0.9, η M = 0.8, η D = 0.9) and defined in the following equations. The transformation occurring inside the ejector are shown on the T-s diagram in Figure 2b . The line 2-7 represents the expansion of the flow inside the motive nozzle taking into account the nozzle efficiency. Similarly, points 8 and 9 represent the end point of the real process inside the mixing chamber and the diffuser, respectively. The pressure in 7, 8, and 9 is the mixing pressure, which is lower than the secondary flow pressure.
The area ratio A r is defined as the ratio of the constant area section of the mixing chamber (A m ) to the nozzle throat area (A t ), and it is expressed by the following equation [31] .
The mass flow rate of the primary flow through the nozzle is determined by Equation (5) [32] considering chocked conditions at the nozzle throat, where R represents the specific gas constant, A t is the nozzle throat cross section, k is the heat capacity ratio, and η N is the nozzle efficiency defined Energies 2020, 13, 562 7 of 24 previously. Once the primary flow rate is known, the nozzle throat section can be evaluated by using Equation (5) .
.
The pressure lift Π is defined as the ratio between the pressure at the outlet of the ejector and the pressure of the secondary flow rate, whereas β is the ratio between the pressure of the primary flow and the pressure at the ejector outlet.
Working Fluids
The properties of the working fluid influence the performance of the vapor compression cooling systems. An appropriate refrigerant can not only provide good system performance and therefore energy saving, but also involves less environmental issues. Basic considerations require eco-friendly working fluids (low OPD and GWP), safety issues, low cost, and availability. Furthermore, as reported in the work of Varga et al. [33] , more specific prescriptions should be taken into account when choosing a working fluid for ejector cooling systems:
• high latent heat value in the evaporator and generator temperature range to minimize the mass flow rate per unit of heat power; • relatively high critical temperature to make the system feasible in a wide range of generator temperatures; • not too high saturation pressure in the generator and not too low in the evaporator.
Additionally, the slope of saturated vapor line should be considered. The use of dry refrigerant is recommended in order to avoid the development of droplets inside the ejector, which may block the effective area. In this analysis water was excluded, because of its rather low COP according to [33] . HFCs were also excluded due to their high GWP. Hydrocarbons as butane (R600) and isobutane (R600a), ammonia and new HFO refrigerants R1234ze and R1233zd were considered. The main thermophysical and environmental properties of the selected working fluids are listed in Table 1 , according to Refprop 9.0 [30] . The corresponding saturation curves are reported in Figure 3 . 
Thermodynamic Analysis: Conditions and Results
Using the ejector and the system model previously shown, 42 simulations were carried out in order to define an entrainment ratio map in terms of pressure lift and β ratio that provides the influence of several temperature differences at pinch point on the ejector performance for each investigated working fluid. 
Using the ejector and the system model previously shown, 42 simulations were carried out in order to define an entrainment ratio map in terms of pressure lift and β ratio that provides the influence of several temperature differences at pinch point on the ejector performance for each investigated working fluid.
In particular, the hot water at the vapor generator inlet is supplied by considering a solar heating system able to produce hot water at 120 • C, as reported in the current literature [34, 35] . For a given heat load, a too low temperature variation of the secondary flow at the vapor generator would require higher mass flow rates for the secondary fluid (and thus higher pumping costs) and also a lower refrigerant superheat, which could be too small to be plausibly controlled. On the contrary, a too high temperature variation would lead to low refrigerant saturation temperatures, strongly penalizing the thermodynamic cycle efficiency. Due to this fact, in this analysis an outlet temperature of the secondary fluid of 80 • C was chosen in order to take into account these two competing aspects.
The data used are listed in Table 2 and the simulated pinch points values are listed in the legend in the following figures. The low-pressure evaporating temperature is directly obtained from the chilled water temperature and the given pinch point value, whereas the evaluation of the remaining saturated conditions (condenser and high-pressure evaporator) are obtained with an iterative process seeking the exact pinch point provided. In a first step, the high temperature evaporation and condensation pressures were fixed at guessed values and the thermodynamic cycle was constructed. Then, the pinch point (occurring at saturated vapor and liquid for the condenser and the generator, respectively) was calculated and the pressures were accordingly changed, adjusting the guess values in order to obtain the design temperature difference. For instance, if the pinch point value is lower than the arranged one, the condenser/evaporator pressure has to be accordingly increased/decreased. All the thermodynamic and transport properties of refrigerants were evaluated through the software Refprop 9.0, developed by NIST [30]. Table 2 . Specification of the simulated boundary conditions.
Simulated Conditions Values
Cooling load (kW) 20
Water temperature at the vapor generator (inlet/outlet) ( • C) 120/80 Air temperature at the condenser (inlet/outlet) ( • C) 20/25 Water temperature at the evaporator (inlet/outlet) ( • C) 12/7 Quality at condenser outlet 0.0 Working fluid temperature at vapor generator outlet ( • C) 110 ∆T superheating at evaporator outlet (K) 4 Regenerative heat exchanger efficiency 0.90 Pump efficiency 0.70 Figure 4 shows the entrainment ratio µ map as function of the β ratio and pressure lift Π. The main objective of the following figures is to present the general trends as a function of the operating conditions indicated in the corresponding legends. Considering the working fluid R134a, the configuration with 1 K of pinch point for all heat exchangers was excluded since the temperature exceeded the critical value of 101.1 • C. The refrigerant R1233zd is characterized by higher values of Π and β due to lower saturation pressure at fixed temperature with respect to the other investigated fluids.
Energies 2020, 13, x FOR PEER REVIEW 9 of 23 particular, the highest reduction is obtained when the variation of the pinch point occurs at the condenser with the entrainment ratio passing from 0.210 to 0.097. In this case, the increase of the pinch point at the condenser negatively affects the β ratio, while increases the pressure lift: both the effects contribute to a drop of the entrainment ratio. Instead, when the pinch point at the vapor generator (or the evaporator) increases from 5 to 10 K, the entrainment ratio μ decreases from 0.210 to 0.151 (to 0.13 for the low-pressure evaporator). Figure 5 shows the system COP as function of β and Π with a very similar trend with respect to the previous diagram. The system COP is in fact strictly related to the entrainment ratio due to its definition as reported in Equation (2) and, with enthalpy variation ratio at the low and high pressure evaporators from 0.8 to 1.25, μ and COP assume almost the same value. When the entrainment ratio is lower than 0.1, the system performance suffers an abrupt decrease, due to high primary mass flow rates ̇ (at the vapor generator) to satisfy the required low-pressure evaporator mass flow rate ̇ . The detailed results of the thermodynamic analysis for each point of When the lower value of the temperature difference at the pinch point is considered for all heat exchangers, the maximum entrainment ratio is obtained for all refrigerants, reaching a value of 0.438 for R1233zd. The results shown in Figure 4 can be useful to identify the influence of the variation of each temperature difference at the pinch point by keeping constant the other two. Assuming as reference the configuration with all temperature differences at pinch point of 5 K for R1233zd, by increasing the pinch point from 5 to 10 K, lower values of the entrainment ratio are obtained. In particular, the highest reduction is obtained when the variation of the pinch point occurs at the condenser with the entrainment ratio passing from 0.210 to 0.097. In this case, the increase of the pinch point at the condenser negatively affects the β ratio, while increases the pressure lift: both the effects contribute to a drop of the entrainment ratio. Instead, when the pinch point at the vapor generator (or the evaporator) increases from 5 to 10 K, the entrainment ratio µ decreases from 0.210 to 0.151 (to 0.13 for the low-pressure evaporator). Figure 5 shows the system COP as function of β and Π with a very similar trend with respect to the previous diagram. The system COP is in fact strictly related to the entrainment ratio due to its definition as reported in Equation (2) and, with enthalpy variation ratio at the low and high pressure evaporators from 0.8 to 1.25, µ and COP assume almost the same value. When the entrainment ratio is lower than 0.1, the system performance suffers an abrupt decrease, due to high primary mass flow rates 
Thermo-Economic Analysis
The first part of this analysis proposes the calculation of the total investment costs (per unit cooling load) for each configuration in terms of working fluid, desired pinch points in the heat exchangers, and the efficiency of the regenerative heat exchanger. The results will be proposed in terms of conflicting goals: from one side the maximization of the system performance and from the other side the minimum specific investment cost, by therefore proposing an "optimum" configuration as reasonable compromise. The chosen solution will be then used in the second part of this section that analyzes an integrated system made up of a waste heat recovery hybrid ejector cycle (WHRHEC) working in parallel with a conventional vapor compression cycle (VCC), providing the minimum plant life that leads to an economic convenience.
Evaluation of the Heat Exchangers Surface
Dedicated heat transfer correlations were considered for each heat exchanger for the estimation of their heat transfer surface. According to the selected fluids properties, the high-pressure evaporator and the regenerative heat exchanger were designed to work in a range of pressures suitable for the use of plate heat exchangers, shell-and-tube type preferred because of their compactness. Considering the lower pressure levels, a one pass shell and tube heat exchanger was chosen for the low temperature evaporator. In this way, boiling takes place at the outer surface of the tube bundle and large pressure drops are therefore avoided. Finally, a fin and tube heat exchanger was chosen for the condenser, in which air was used as secondary fluid.
The overall heat transfer coefficient U (W m −2 K −1 ) cannot be considered constant during the heat transfer process, especially in the single phase/two phase transition. For this reason, different sections for single-phase and two-phase were considered with appropriate heat transfer correlations. Each heat exchanger was divided into discrete elements having an elementary area dA, corresponding to an elementary length dz. With the assumption of heat exchanger adiabaticity through its surroundings, the heat transfer differential equation reads as:
The temperature of the refrigerant T (K), was calculated with Refprop 9.0 software developed by NIST [30] using both the pressure and the enthalpy local value; the same process was used for the secondary fluid (water or air). The local enthalpies were integrated from the inlet of each heat exchanger, according to the energy balance reported in Equations (7) and (8):
where the subscripts ref and f refer to the refrigerant and the secondary fluid side, respectively. The overall heat transfer coefficient U is computed with Equation (9) where, s is the thickness (m) of the tube or the plate and κ mat is the material thermal conductivity (W m −1 K −1 ). The convective heat transfer coefficient α (W m −2 K −1 ) for both fluids can be evaluated with Equation (10), where κ fluid is the fluid thermal conductivity (W m −1 K −1 ).
A summary of the correlations for the Nusselt number Nu or the convective heat transfer coefficient for each heat exchanger geometry and for single-phase and two-phase heat transfer are reported in Table 3 . The geometric elementary details are fixed for all the permuted solutions and are defined for each heat exchanger type in Appendix B. 
α air = J · ρ air · u air,max · c p,air · Pr air −2/3
Condensation inside tubes, correlation of Shah [42]
An algorithm was developed and implemented in a Matlab code to obtain the surface of each heat exchanger. As an initial step, both the thermodynamic and geometric parameters were fixed. At the first elementary section (z = 1), the local temperature of the working fluid was set equal to the temperature in points 2, 3, and 5 for the generator, evaporator, and condenser, respectively. The overall heat transfer coefficient U for each elementary volume was evaluated with the mentioned prediction methods as shown in Table 3 . Then, the elementary heat power was obtained from Equation (6) . By considering the heat exchanger adiabatic through its surroundings, the energy balances from Equations (7) and (8) allow the calculation of the specific enthalpies for the subsequent integration steps (z + 1). This procedure was repeated until the heat exchangers surface balances the required heat power. In this way, the total heat transfer surface A was then obtained for each investigated geometric configuration and boundary condition. The geometrical parameters fixed and to be calculated for each type of heat exchanger are specified in Appendix B.
Cost Functions
The set-up costs were calculated by considering the single cost of each component (working fluid pump, high-pressure evaporator, condenser, low-pressure evaporator, regenerative heat exchanger, and ejector), for which a cost correlation was used, as shown in Table 4 . Specifically, an exponential expression [43] as a function of the sole nominal power was chosen for the pump price. The investment costs of the plate heat exchangers (high pressure evaporator and regenerative heat exchanger) and of the fin and tube condenser were obtained as a linear function of the total heat transfer surface, as suggested by [43, 44] . The shell and tube low-pressure evaporator cost was taken from the work of Wildi-Tremblay and Grosselin [45] , related to the total heat transfer surface with a power function.
Since the ejector has to be designed ad-hoc for the specific application and cannot be treated as a commercial item, in this analysis the ejector cost was estimated as a linear function of the minimum required volume of a brass block from which the final ejector geometry is obtained through material removal processes (considering density of the brass ρ brass of 8.73 kg cm −3 and specific cost c brass of 4.85 € kg −1 ). When using flammable working fluids, additional safety issues must be taken into account for electronic components: in this case an increasing of investment costs of +20% is considered for the condenser (due to the presence of Atex fan type required in the case of hazardous fluids) and pump. In addition, a corrective enhancement factor of 1.30 is instead considered when using ammonia, in order to take into account both toxicity and flammability issues. 
Minimum required volume of brass (cm 3 ) IC e j = ρ brass · c brass · V
Results and Discussion
The same boundary conditions concerning the cooling load, the secondary fluids temperatures, and the refrigerant thermodynamic constraints from Table 2 are still used for the thermo-economic analysis. The list of permuted parameters is instead provided in Table 5 , by obtaining a total amount of 1500 simulation runs. Table 5 . Operating conditions used for the thermo-economic analysis.
Parameter Range
Pinch points for the heat exchangers ( • C) 1-10
Fluids
R1234ze, Ammonia, R1233zd(E), Isobutane, R134a, Butane Regenerative heat exchanger efficiency 0.50-0.90
The complete set of solutions in terms of COP versus specific investment costs is shown in Figure 6 . Each color refers to a working fluid, whereas the bigger markers correspond to the subset of solutions presented in the thermodynamic analysis (empty and full markers, respectively, for a regenerative heat exchanger efficiency of 0.90 and 0.50). Their shape is recalled in the legend and is related to specific pinch point values. All the remaining intermediate combinations are finally drawn with x-shaped markers.
solution C maximizes the system performance, with a COP of 0.40, using R1233zd(E) as refrigerant, all the minimum temperature differences set to 1 °C, and the internal heat exchanger efficiency of 0.50. In contrast, the specific set-up cost is very high (3.13 k€ kW −1 ), due to the penalized heat transfer efficiency for this low reduced-pressure fluid, that leads to large required heat transfer surfaces. In fact, approximately 99% of the total specific costs are attributed to the heat exchangers (see Figure 7 ). Finally, solution B represents the reasonable trade-off between low investment costs and high system performance. The corresponding set-up cost is 0.80 k€ kW −1 , significantly lower than that of solution C, with only a slight penalization on the COP value, equal to 0.39. For this configuration, ammonia is the working fluid and all the pinch point values are set to 1 °C, with an efficiency of the internal plate heat exchanger equal to 0.50.
It is worth highlighting that the same heat exchanger typologies were selected for all fluids to preserve the analysis consistency. However, the higher evaporating pressures obtained for fluids having a high p-t saturation curve (as ammonia) may allow the use of a plate heat exchanger as lowpressure evaporator instead of a shell and tube heat exchanger. This would strongly reduce the setup costs associated to this component (up to 80%) and increase the system compactness as well. Solutions A* and B* in Figure 6 and in Table 6 therefore refer to the corresponding simulations A and B, in which the low-pressure evaporator is replaced by a cheaper plate heat exchanger.
It is important to remark that the best design option is a matter of choice, once the desired criterion and potential further constraints are established (minimum cost-maximum performanceavoiding toxic and/or flammable refrigerants, etc.). The discussion regarding the rationale used to define the best configuration is therefore case-sensitive and is not included in the scope of this paper. Figure 6 . COP versus specific investment costs for all the chosen combinations. The highlighted markers refer to the solutions investigated for the thermodynamic analysis and each color is related to a specific working fluid. Table 6 . Summary of the three configurations chosen as possible optimum case. The asterisk solutions refer to the use of a plate heat exchanger instead of a shell and tube heat exchanger for the lowpressure evaporator. By increasing the pinch point values, the performance decreases as already shown in the thermodynamic analysis. The effect of a different minimum temperature difference on the specific investment costs is, however, not univocal. From one side, higher pinch point values lead to lower heat exchanger efficiency that are therefore more compact (and cheaper). From the other side, the entrainment ratio µ decreases dramatically with an increasing pinch point (see Figure 4 ), leading to a lower entrained mass flow rate and therefore higher thermal loads at the high-pressure evaporator and condenser in order to satisfy the required cooling load, resulting in increased heat transfer surfaces and costs.
Regarding the refrigerant effect, although economically penalized by toxicity and flammability issues, the investigated solutions using ammonia as working fluid are those falling in the lowest specific investment cost region, due to a very high latent heat and its particularly favorable thermodynamic and transport properties for two-phase heat transfer. The opposite situation is observed for the synthetic refrigerant R1233zd(E), that presents higher specific set-up costs with respect to other refrigerants when the same boundary conditions are applied. For the present analysis, three singular solutions (namely A, B, and C), chosen as possible "optimum" cases, are extracted from the total set of simulations and the related main parameters are summarized in Table 6 . The share of the total investment costs for these configurations is specified in Figure 7 . Specifically, solution A provides the plant configuration with the lowest specific investment cost of 0.40 k€ per kW of cooling load. Almost half of the entire cost (42%) is related to the high-pressure evaporator, followed by the low-pressure evaporator (32%), the electric pump (17%), and the fin and tube condenser (4%). This configuration uses ammonia as refrigerant, with a pinch point of 1 • C at the condenser, with a minimum temperature difference of 7 and 10 • C in high-and low-pressure evaporator, respectively, and an efficiency of the regenerative heat exchanger of 0.50. The related COP is however low (0.21) caused by a reduced entrainment ratio of 0.227. From another perspective, solution C maximizes the system performance, with a COP of 0.40, using R1233zd(E) as refrigerant, all the minimum temperature differences set to 1 • C, and the internal heat exchanger efficiency of 0.50. In contrast, the specific set-up cost is very high (3.13 k€ kW −1 ), due to the penalized heat transfer efficiency for this low reduced-pressure fluid, that leads to large required heat transfer surfaces. In fact, approximately 99% of the total specific costs are attributed to the heat exchangers (see Figure 7 ). Finally, solution B represents the reasonable trade-off between low investment costs and high system performance. The corresponding set-up cost is 0.80 k€ kW −1 , significantly lower than that of solution C, with only a slight penalization on the COP value, equal to 0.39. For this configuration, ammonia is the working fluid and all the pinch point values are set to 1 • C, with an efficiency of the internal plate heat exchanger equal to 0.50. Table 6 . Summary of the three configurations chosen as possible optimum case. The asterisk solutions refer to the use of a plate heat exchanger instead of a shell and tube heat exchanger for the low-pressure evaporator. Finally, the investment cost-performance map obtained in Figure 6 is placed together with the corresponding maps of existing waste heat driven technologies for cooling purposes in Figure 8 . It is shown that the WHRHEC systems provide similar thermodynamic COPs and lower set-up costs with respect to ORC/VCC combined plants. Regarding the comparison with single-effect absorption chillers, WHRHEC systems provide lower COP at the same costs. It is worth noting, however, that the declared performances of the consolidated technologies (as shown in the introductive section), It is worth highlighting that the same heat exchanger typologies were selected for all fluids to preserve the analysis consistency. However, the higher evaporating pressures obtained for fluids having a high p-t saturation curve (as ammonia) may allow the use of a plate heat exchanger as low-pressure evaporator instead of a shell and tube heat exchanger. This would strongly reduce the set-up costs associated to this component (up to 80%) and increase the system compactness as well. Solutions A* and B* in Figure 6 and in Table 6 therefore refer to the corresponding simulations A and B, in which the low-pressure evaporator is replaced by a cheaper plate heat exchanger.
It is important to remark that the best design option is a matter of choice, once the desired criterion and potential further constraints are established (minimum cost-maximum performance-avoiding toxic and/or flammable refrigerants, etc.). The discussion regarding the rationale used to define the best configuration is therefore case-sensitive and is not included in the scope of this paper.
Finally, the investment cost-performance map obtained in Figure 6 is placed together with the corresponding maps of existing waste heat driven technologies for cooling purposes in Figure 8 . It is shown that the WHRHEC systems provide similar thermodynamic COPs and lower set-up costs with respect to ORC/VCC combined plants. Regarding the comparison with single-effect absorption chillers, WHRHEC systems provide lower COP at the same costs. It is worth noting, however, that the declared performances of the consolidated technologies (as shown in the introductive section), even if falling in the same operative ranges of Table 2 , are related to large plant sizes and cooling loads (>100 kW), whereas the set-up costs of WHRHEC systems are likely not to be influenced by size effects. Finally, the investment cost-performance map obtained in Figure 6 is placed together with the corresponding maps of existing waste heat driven technologies for cooling purposes in Figure 8 . It is shown that the WHRHEC systems provide similar thermodynamic COPs and lower set-up costs with respect to ORC/VCC combined plants. Regarding the comparison with single-effect absorption chillers, WHRHEC systems provide lower COP at the same costs. It is worth noting, however, that the declared performances of the consolidated technologies (as shown in the introductive section), even if falling in the same operative ranges of Table 2 , are related to large plant sizes and cooling loads (>100 kW), whereas the set-up costs of WHRHEC systems are likely not to be influenced by size effects. 
Total Costs Analysis for VCC Integrated User
The configuration B was finally used to analyze the economic advantage of a waste heat recovery hybrid ejector cycle (WHRHEC) with respect to a typical vapor compression cycle (VCC). In particular, the analysis was focused on an end user with a required cooling load . Q ev,USER , supplied by having both WHRHEC (size . Q ev,WHR ) and a VCC (size . Q ev,VCC ) working in parallel, as shown in the schematic example of Figure 9 . The aim of this preliminary economic analysis was to define a method able to establish the required lifetime of the combined WHR/VCC system that leads to an economic convenience, once design and contingent parameters, such as the availability of the waste heat source, the specific cost of electric energy, and the size of the WHR plant, were fixed. The WHRHEC being a brand new technology among the possible waste heat recovery solutions, its space in the marketplace is still absent or very limited, leading to an indetermination of several mentioned economic terms such as maintenance costs and investment depreciation. method able to establish the required lifetime of the combined WHR/VCC system that leads to an economic convenience, once design and contingent parameters, such as the availability of the waste heat source, the specific cost of electric energy, and the size of the WHR plant, were fixed. The WHRHEC being a brand new technology among the possible waste heat recovery solutions, its space in the marketplace is still absent or very limited, leading to an indetermination of several mentioned economic terms such as maintenance costs and investment depreciation. 
In Equation (11), kWHR and kVCC are the set-up specific costs (k€ kW −1 ) of the WHR and the VCC plant, respectively. Particularly, kWHR refers to the optimal solution B of the previous section and is therefore considered equal to 0.80 k€ kW −1 in the present analysis.
, and , are the cooling capacities of the two systems, whereas ee is the specific cost of electric energy (k€ kWh −1 ). The VCC plant is most likely designed to fulfill the entire cooling load, in order to satisfy the user requirements also when the waste heat recovery mode is not available. The parameter XWHR defines instead the fraction of the cooling load covered by the WHR plant. 
The electric energy consumption Eel in the system lifetime ∆ LIFE is then required only when the waste heat recovery system is not used and is a function of the seasonal COP (SCOP) of the VCC Figure 9 . Schematic diagram of a combined waste heat recovery hybrid ejector cycle (WHRHEC)/VCC system to supply the end user cooling load.
The total costs TC of the integrated WHR/VCC plant for its entire lifetime ∆θ LIFE include the investment costs of both systems and the running costs of the VCC plant due to the electrical energy consumption E el . No running costs are here considered for the WHRHEC system, by keeping the hypothesis of free-of-charge availability of the waste heat.
In Equation (11), k WHR and k VCC are the set-up specific costs (k€ kW −1 ) of the WHR and the VCC plant, respectively. Particularly, k WHR refers to the optimal solution B of the previous section and is therefore considered equal to 0.80 k€ kW −1 in the present analysis.
. Q ev,WHR and . Q ev,VCC are the cooling capacities of the two systems, whereas κ ee is the specific cost of electric energy (k€ kWh −1 ). The VCC plant is most likely designed to fulfill the entire cooling load, in order to satisfy the user requirements also when the waste heat recovery mode is not available. The parameter X WHR defines instead the fraction of the cooling load covered by the WHR plant.
The electric energy consumption E el E el in the system lifetime ∆θ LIFE is then required only when the waste heat recovery system is not used and is a function of the seasonal COP (SCOP) of the VCC cycle. By defining ∆θ WHR as the period of the lifetime in which the waste heat source is available, the electric consumption reads as:
To make the saving costs not depend on the plant size, the total costs are divided by the heat load: in this way, once obtained the specific savings, they have a more general meaning and are not related to a specific size. The total specific costs per unit of cooling load tc (k€ kW −1 ) can be therefore expressed by Equation (15) , in which Y is the fraction of the total lifetime period when the waste heat source is available, as for Equation (16) .
Finally, Equation (17) provides the specific cost savings with respect to a simple configuration in which the WHRHEC is not considered and only the VCC plant fulfills the cooling load requirements (X WHR = 0): Figure 10a shows the cost savings ∆tc as a function of the total lifetime of the combined system for different values of the parameter X WHR . The fraction of the waste heat availability Y is fixed at 80%, whereas the Italian cost of the electric energy [44] and a SCOP value of 2.5 are considered. It is worth noting that the size of the WHR plant does not influence the even point (zero-saving), approximately reached after almost 2 years (by considering 4000 h of operation per year) within these hypotheses. A higher X WHR leads however to higher savings after the even point and to higher losses for plants dismantled before the zero-saving time is reached. The effect of the waste heat availability Y for a fixed size of the WHR plant (X WHR = 0.5) is shown in Figure 10b . The economic convenience is more and more anticipated for higher waste heat availabilities. However, when is too low (e.g., 20%), the even point can be never reached in a reasonable lifetime (10 years).
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Finally, Equation (17) provides the specific cost savings with respect to a simple configuration in which the WHRHEC is not considered and only the VCC plant fulfills the cooling load requirements (XWHR = 0): Figure 10a shows the cost savings Δtc as a function of the total lifetime of the combined system for different values of the parameter XWHR. The fraction of the waste heat availability is fixed at 80%, whereas the Italian cost of the electric energy [44] and a SCOP value of 2.5 are considered. It is worth noting that the size of the WHR plant does not influence the even point (zero-saving), approximately reached after almost 2 years (by considering 4000 h of operation per year) within these hypotheses.
A higher XWHR leads however to higher savings after the even point and to higher losses for plants dismantled before the zero-saving time is reached. The effect of the waste heat availability Y for a fixed size of the WHR plant (XWHR = 0.5) is shown in Figure 10b . The economic convenience is more and more anticipated for higher waste heat availabilities. However, when is too low (e.g., 20%), the even point can be never reached in a reasonable lifetime (10 years). and 0.26 c€ kWh −1 (Italian market [46] ). (a) Effect of the WHR plant size for Y = 0.80; (b) effect of the waste heat availability for XWHR = 0.5. Figure 11 shows the required operating time to reach the even point (Δtc = 0) as a function of the waste heat utilization Y, with each curve referring to a different specific cost of energy ee [46] . For the Italian market, by considering a realistic lifetime of 7 years, the use of a WHRHEC/VCC integrated system would be economically convenient only if the availability of the heat source overcomes 28% (approximately 7800 h) of the entire operating period. Higher values of Y are instead required in countries where the electric energy is cheaper (as France, with ee equal to 0.18 c€ kWh −1 ).
Cost saving (k€ kW -1 ) (a) (b) Figure 10 . Specific cost savings as a function of the operating time of the combined plant (4000 working hours per year are considered). Seasonal COP (SCOP) and κ ee are, respectively, fixed to 2.5 and 0.26 c€ kWh −1 (Italian market [46] ). (a) Effect of the WHR plant size for Y = 0.80; (b) effect of the waste heat availability for X WHR = 0.5. Figure 11 shows the required operating time to reach the even point (∆tc = 0) as a function of the waste heat utilization Y, with each curve referring to a different specific cost of energy κ ee [46] . For the Italian market, by considering a realistic lifetime of 7 years, the use of a WHRHEC/VCC integrated system would be economically convenient only if the availability of the heat source overcomes 28% (approximately 7800 h) of the entire operating period. Higher values of Y are instead required in countries where the electric energy is cheaper (as France, with κ ee equal to 0.18 c€ kWh −1 ). Finally, Figure 12 presents the WHR size (XWHR)-waste heat availability (Y) for the Italian market and an operating overall lifetime of 7 years, highlighting both loss and saving regions. As shown, the even point is reached for Y equal to 28% at any size of the WHR plant. For higher waste heat utilizations, the blue curves provide the specific savings, increasing with both WHR size and Y. Similarly, in the left zone the red curves show the specific losses, increasing with greater WHR size and lower waste heat availability. 
Conclusions
A thermo-economic analysis of a waste heat recovery hybrid ejector cycle (WHRHEC) for air conditioning purposes was performed in this paper. The thermodynamic performances and the specific set-up costs were evaluated for different plant configurations in terms of working fluids and pinch point values at the heat exchangers, in order to place the WHRHEC systems among the actual heat driven cooling technologies available on the market. The peculiar simulation results, A (minimum investment costs), C (maximum thermodynamic COP), and B (chosen trade-off between maximum performance and minimum cost) are highlighted in Figure 8 . The following economic Finally, Figure 12 presents the WHR size (X WHR )-waste heat availability (Y) for the Italian market and an operating overall lifetime of 7 years, highlighting both loss and saving regions. As shown, the even point is reached for Y equal to 28% at any size of the WHR plant. For higher waste heat utilizations, the blue curves provide the specific savings, increasing with both WHR size and Y. Similarly, in the left zone the red curves show the specific losses, increasing with greater WHR size and lower waste heat availability. Finally, Figure 12 presents the WHR size (XWHR)-waste heat availability (Y) for the Italian market and an operating overall lifetime of 7 years, highlighting both loss and saving regions. As shown, the even point is reached for Y equal to 28% at any size of the WHR plant. For higher waste heat utilizations, the blue curves provide the specific savings, increasing with both WHR size and Y. Similarly, in the left zone the red curves show the specific losses, increasing with greater WHR size and lower waste heat availability. 
A thermo-economic analysis of a waste heat recovery hybrid ejector cycle (WHRHEC) for air conditioning purposes was performed in this paper. The thermodynamic performances and the specific set-up costs were evaluated for different plant configurations in terms of working fluids and pinch point values at the heat exchangers, in order to place the WHRHEC systems among the actual heat driven cooling technologies available on the market. The peculiar simulation results, A (minimum investment costs), C (maximum thermodynamic COP), and B (chosen trade-off between maximum performance and minimum cost) are highlighted in Figure 8 
A thermo-economic analysis of a waste heat recovery hybrid ejector cycle (WHRHEC) for air conditioning purposes was performed in this paper. The thermodynamic performances and the specific set-up costs were evaluated for different plant configurations in terms of working fluids and pinch point values at the heat exchangers, in order to place the WHRHEC systems among the actual heat driven cooling technologies available on the market. The peculiar simulation results, A (minimum investment costs), C (maximum thermodynamic COP), and B (chosen trade-off between maximum performance and minimum cost) are highlighted in Figure 8 . The following economic analysis will give the reader a realistic order of magnitude about the economic convenience in the use of the WHRHEC systems instead of traditional vapor compression cycles, when a certain amount of waste heat is available. The main outcomes of this study may be summarized as follows:
• WHRHEC solutions employing ammonia are the most performing and also economically advantageous cases, due to the ammonia high latent heat and favorable thermodynamic and transport properties during two-phase heat transfer. Moreover, the higher low-temperature evaporating pressures may allow the use of a cheaper and more compact plate heat exchanger instead of a tube and shell low-temperature evaporator, thus further reducing the set-up costs (solutions A* and B*).
•
The cost-performance comparison with existing waste heat driven technologies for cooling purposes shows that the WHRHEC systems provide similar performances and lower investment costs with respect to ORC/VCC combined plants; instead WHRHEC systems give lower COP values at the same costs of single-effect absorption chillers. However, the declared performances of the consolidated technologies are related to large plant sizes and cooling loads (>100 kW), while costs of WHRHEC systems is not affected by size effects.
The economic analysis has shown that a WHRHEC may be a convenient solution to be integrated with a conventional VCC system in a plant according to the specific cost of electric energy and the waste heat time availability. Specifically, for the Italian situation, by considering a total lifetime of 28,000 h (7 years and 4000 h per year of operation), the economical convenience of the WHRHEC system is reached when the waste heat exploitation overcomes approximately 7800 h (28% of the entire lifetime). Higher (lower) waste-heat availability periods are instead required where the cost of electric energy is lower (higher), as in France (40%) (as in Spain, 24% and Denmark, 26%). Table A5 . Thermodynamic analysis results for R134a. 
